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ABSTRACT

It is found that the ideal gas assumption is not proper for
the design of turbomachinery blades using supercritical CO, (S-
CO,) as working fluid especially near the critical point. There-
fore, the inverse design method which has been successfully ap-
plied to the ideal gas is extended to applications for real gas by
using a real gas property look up table. A fast interpolation look
up approach is implemented which can be applied both in su-
perheated and two phase regimes. This method is applied to the
design of a centrifugal compressor blade and a radial-inflow tur-
bine blade for a S-CO, recompression Brayton cycle. The stage
aerodynamic performance (volute included) of the compressor
and turbine is validated numerically by using the commercial
CFD code ANSYS CFX R162. The structural integrity of the de-
sign is also confirmed by using ANSYS Workbench Mechanical
RI62.
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NOMENCLATURE
Roman Symbols

cp specific heat capacity at constant pressure, J/(kg x K)

h  specific enthalpy, kJ/kg

ri mass flow rate, kg/s

r radial coordinate, m

s specific entropy, kJ/ (kg x K)
x dryness fraction

z axial coordinate, m

Hg  rothalpy, kJ

P pressure, Pa or MPa

R radius, mm

T temperature, K

Ty rotary total temperature, K
Ve tangential velocity, m/s

W power, W

W relative velocity vector, m/s
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Greek Symbols

n efficiency

p density, kg/m?

T torque, N X m

o rotating speed, rad /s
Q rotating speed, rad/s

Superscripts
* rotary properties

Subscripts

0 total or stagnation

1 inlet

2 outlet

g gas

h  constant specific enthalpy
hub hub

is 1isentropic

! liquid

s constant specific entropy
shr  shroud

t—s total-to-static

t—t total-to-total

HTR high temperature recuperator
LE leading edge

LTR low temperature recuperator
MC main compressor

RC recompressing compressor

TE trailing edge

Abbreviations

ER expansion ratio

CFD computational fluid dynamics
FEA finite element analysis

HTR high temperature recuperator
LMTD log mean temperature difference
LTR low temperature recuperator

MC main compressor

NIST National Institute of Standards and Technology
PC pre-cooler

PR pressure ratio

RC recompressing compressor

RGP real gas property

RIT radial-inflow turbine

S-CO, supercritical carbon dioxide

INTRODUCTION

The supercritical cycle which always operates above the crit-
ical pressure and critical temperature of its working fluid was
devised to overcome disadvantages of Rankine cycle and recu-
perated Brayton cycle and retain their advantages by Feher in the
1960s [1]. Feher compared critical temperature and pressure of
eight different working fluids which can be used in practical su-
percritical cycle applications and CO, was selected as the most
suitable working fluid for the following reasons: 1) its moderate
critical pressure (7.38 MPa) allows lower cycle operating pres-
sure; 2) its thermal stability and chemical inertness are very high
within the temperature range of interest [2]; 3) its abundance,
non-toxicity and low cost. Another advantage of S-CO, which
was pointed out by Dostal [3] is that its low critical temperature
(31°C) makes it is suitable to be used in non-condensing cycles
for high efficiency since the maximum temperature difference
can be achieved. A series of study by Angelino [4-6] showed
that reheat CO; cycles have higher efficiency, simpler layout and
smaller prime mover (gas turbine) within turbine inlet temper-
ature range of 650 - 1000°C compared to double reheat steam
cycle. Dostal [3] compared several different compound Bray-
ton cycles and concluded that the recompression cycle has the
simplest layout and achieves the highest efficiency at operating
condition of turbine inlet pressure ~20 MPa and turbine inlet
temperature of 550°C among all the studied cycles. In a detailed
review of current S-CO, power cycle technology, Ahn et al. [7]
investigated the performance of six different single flow cycle
layouts and six different split flow cycle layouts. It is found that
the recompression cycle layout shows the best efficiency (~44%
for turbine inlet temperature of 500 °C) but requires the largest
recuperator size which is assessed by Log Mean Temperature
Difference (LMTD) method.

Moore et al. [8] developed a 1 MW S-CO; test loop to mea-
sure the mechanical and flow performance of costumed turbine
expander and recuperator at Southwest Research Institute. Cho
et al. [9] from Korea Institute of Energy Research tested two S-
CO; cycles (10 kW and 1 kW). The turbo-generator was unable
to operate stably due to the very high rotating speed (200,000
RPM). The development of a 60 kW test loop using the axial im-
pulse turbine is ongoing. Wang et al. [10] from Nuclear Power
Institute of China presented some preliminary results on the de-
sign of a Integral Test Loop of MW scale S-CO, power cycles.
They are planning to build a 10 MW Integral Test Loop before
2020.

To maximize S-CO; cycle efficiency, more and more atten-
tion have been paid into aerodynamic design and optimization
of compressors and turbines operating with S-CO; by using 1D
meanline analysis and three-dimensional CFD.

Monje et al. [11] proposed a detailed 1D design strategy for
S-CO; compressors and average values of compressor inlet and
outlet temperature and pressure from the CFD calculation (AN-
SYS FLUENT) showed good agreement with the 1D model. Qi
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et al. [12] coupled the S-CO; real gas property table with dif-
ferent loss models proposed by Moustapha et al. [13] in their
1D in-house code TOPGEN and applied it in the preliminary de-
sign of S-CO, radial turbines. Lee et al. [14] compared three
different methods of converting static (temperature and pres-
sure) to stagnation values in the 1D meanline S-CO; compres-
sor design. It was concluded that the real gas isentropic expo-
nents method provides better conversion results than the ideal
gas based method but the conversion error near the critical point
is still non-negligible. Shao et al. [15] applied a design parame-
ter called velocity ratio at the impeller inlet (IVR) to control the
condensation zone near the S-CO, compressor leading edge.

Pecnik et al. [16] performed a 3D CFD study of a S-CO;
compressor impeller and CFD results showed that calculated
ideal head coefficient and efficiency are higher than experimen-
tal data [17] [18] which can be explained by the simplified model
used in the simulation. Shroud tip clearance and vaned diffuser
are not modelled and therefore the rotating shroud will add extra
momentum to the flow. Rinaldi et al. [19] improved this numer-
ical model by including shroud tip clearance gap and vaned dif-
fuser blade in the simulation. The relative difference between
calculated efficiency and experimental efficiency was reduced
from 16% to 4%. Baltadjiev et al. [20] used commercial software
ANSYS CFX to investigate real gas effects in S-CO; centrifugal
compressors mainly near critical point. Zhao et al. designed a S-
CO; centrifugal compressor [21] and investigated the influence
of tip clearance on S-CO, compressor performance [22]. Zhang
et al. [23] performed a numerical study on a 15 MW S-CO, axial
turbine and 1.5 MW S-CO; radial turbine using commercial soft-
ware NUMECA. Ameli et al. [24] presented a steady numerical
study of a S-CO, compressor. The efficiency and pressure ra-
tio values obtained from CFD (ANSYS CFX) using a RGP (real
gas property) table with sufficient resolution match experimental
results very well (less than 2% error).

Long term exposure to high pressure and high tempera-
ture S-CO; of different components in the S-CO;, Brayton cy-
cle may cause serious corrosion problem. The CO, corrosion
behaviour of different materials has been widely studied for dif-
ferent pressure and temperature range. Rouillard et al. [25] per-
formed an experimental comparison of corrosion behaviour of
different steels in S-CO, at 550°C and 25 MPa and found that
austenitic alloys are much more corrosion resistant than ferritic-
martensitic steel. Wright et al. [26] discussed unique materials
requirements of different components (turbine, compressor and
heat exchanger) in the S-CO» closed and open cycles. Sridharan
et al. [27] investigated the corrosion performance of a number
of high temperature alloys in supercritical CO, (650°C and 21
M Pa) environment. The most CO, corrosion resistant materials
are PM 2000, PE16, Haynes 230 and INCONEL Alloy 625.

In this paper a design study of S-CO, compressor and radial
turbine used in a recompression Brayton cycle using 3D inverse
design method is presented. For the first time, the real gas effect

is implemented in the inverse design and is validated by com-
paring the blade loading (blade surface static pressure) from 3D
inviscid inverse design and 3D viscid CFD simulation. The aero-
dynamic performance and flow field of the compressor and the
turbine are investigated by CFD and their structural strength is
evaluated by static structural analysis.

A S-CO, RECOMPRESSION BRAYTON CYCLE

A S-CO; recompression Brayton cycle is proposed based on
Sarkar’s analysis [28] and its layout is shown in Fig. 1. CO, is
assumed to be always working in the supercritical region which
makes the minimum cycle temperature and minimum cycle pres-
sure limited by critical values. Sarkar’s study shows that as CO;
approaches critical point the cycle becomes more efficient due
to two reasons: 1) the compression work needed is less (higher
CO, density); 2) increased heat transfer in the recuperator caused
by higher cp value. In the literature, the minimum cycle tempera-
ture is selected to be 304-310 K to maximize the cycle efficiency.
However, it is also widely reported that the very low cycle tem-
perature will result in a condensation area near the compressor
LE. The compressor efficiency will be very poor when its inlet
flow is in the two-phase region according to Poerner et al. [29]. It
is also found that CFD (ANSYS CFX) becomes very difficult to
converge for the given temperature range above. Therefore, the
minimum cycle temperature and pressure are selected as 320 K
and 7.6 M Pa to ensure that CO, always works in the supercritical
region.

The maximum cycle temperature is controlled by the reac-
tor and increasing its value can result in higher net thermal ef-
ficiency. The upper value of temperature is limited to a mediate
value of 800 K to avoid any possible strength and corrosion prob-
lems for the radial-inflow turbine. The maximum cycle pressure
is set as 15.2 M Pa by assuming the pressure ratio (PR) of com-
pressors is 2.0. The flow is split into two parts at point 9: 75%
for MC (main compressor) and 25% for RC (recompressing com-
pressor).

INVERSE DESIGN METHOD WITH REAL GAS

The inverse design method used in this paper is a three-
dimensional inviscid compressible method. The basic governing
equation of this method are based on a kinematic approach in-
volving solution of potential flow equations with Clebsch-Monge
formulation to represent rotational effects and described by Zan-
geneh [30]. The blade geometry is computed iteratively based on
the prescribed rVjy distribution and meridional shape, where Vj is
the circumferentially averaged tangential velocity. This method
is also known as Circulation method and available as a commer-
cial code TURBOdesignl [31].

This code was initially implemented only for turbomachines
working with ideal gas. From Fig. 2 it can be seen that the com-
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FIGURE 1. LAYOUT OF S-CO; RECOMPRESSION BRAYTON
CYCLE FOR A NUCLEAR REACTOR

pressibility factor of CO; is very low near the critical temperature
and the ideal gas assumption does not hold any more. Therefore,
the real gas effect is brought into inverse design method by em-
ploying a look up table on the basis of RGP (Real Gas Property)
files. Previously ideal gas assumption is used to compute the den-
sity based on the calculated velocity field through the Eqn. (1).
The term in bracket represents the temperature ratio Tlo*’ where @

is the rotational speed, W is the relative velocity vector and 7" is
the rotary total temperature. For the real gas case this equation
becomes the original rothalpy equation (see Eqn. (2)) since cp is
not constant any more. In Eqn. (2) Hjj is the rothalpy which can
be calculated based on inlet boundary conditions and remains
constant throughout the flow domain in an invisicid flow. Once
the velocity filed (W) is known, the static enthalpy / can be com-
puted by Eqn. (2). Static entropy s is also constant which can
be obtained from inlet boundary conditions since the flow is as-
sumed be isentropic. 4 and s are then used in the look up table to
find corresponding pressure, temperature and density.
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In a RGP file, the data is stored in such a way that given
pressure and temperature, all other thermodynamics properties
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FIGURE 2. CO, COMPRESSIBILITY FACTOR
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FIGURE 3. SATURATION LINE ON CO; h-s DIAGRAM

can be found by direct interpolation of the table. In the inverse
design method described above, /4 and s are known. Therefore,
a reversed interpolation of RGP tables is required to find other
thermodynamic properties based on known % and s. The first
step is to compare given h and s with saturation line on the h-s
diagram (see example Fig. 3) to determine which table will be
used for the reversed interpolation.

Reversed Interpolation in Superheated Table

If given & and s fall in the superheated region (Point 1 in Fig.
3), for each pressure level in the superheated table, temperature
is searched which has the same value of /& and s. Two curves
with constant / and s with respect to P and T can be generated as
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FIGURE 4. CONSTANT h AND s CURVES ON CO, P-T DIA-
GRAM

shown in Fig. 4. The intersection of these two curves will give
the required P and T.

Reversed Interpolation in Saturation Table

If given & and s fall in the two phase region ((Point 2 in
Fig. 3), the procedure becomes more complicated since there is
dryness fraction x in the thermodynamic state. For each pres-
sure level in the saturation table, dryness fraction for constant
enthalpy x;, and for constant entropy x; are calculated based on
Eqgn. (3) and (4). Two curves with constant 4 and s with respect
to P and x can be generated as shown in Fig. 5. The intersection
of these two curves will give the required P and x.

h—nh
3
Xh he— Ty 3)
Xy = )
Sg — 8]

This method is validated by comparing the blade loading
(blade surface static pressure distribution) obtained from the in-
verse design and 3D CFD simulation at three different spanwise
locations for the main compressor. The hub and mid span blade
loading from inviscid inverse design code match with CFD re-
sults quite well which can be seen in Fig. 6 and Fig. 7. In Fig.
8 the pressure on the pressure surface where m > 0.2 and on the
suction surface where m > 0.4 are slightly overestimated. The
reason for this discrepancy is that the tip clearance effect near

I 1

| |
0.80 0.85 0.90 0.95 1.00
X (dryness fraction)

FIGURE 5. CONSTANT h AND s CURVES ON CO, P-x DIA-
GRAM
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FIGURE 6. COMPARISON OF HUB BLADE LOADING CALCU-
LATED USING INVERSE DESIGN AND CFD

the shroud is not modelled in the inverse design method. An
improved matching can be seen in Fig. 9 by removing the tip
clearance in the CFD.

BLADE GENERATION AND VOLUTE DESIGN
Meridional Geometry and Blade Thickness

Compressor and turbine meridional geometries are obtained
by using design specifications in Table 1 as input to 1D mean-
line code TURBOdesign Pre [32] with a CO, RGP file. The
meridional shapes are shown in Fig. 10 and Fig. 11. Meridional
dimensions are summarised in Table 2 and Table 3. The hub
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FIGURE 7. COMPARISON OF MID SPAN BLADE LOADING
CALCULATED USING INVERSE DESIGN AND CFD
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FIGURE 8. COMPARISON OF SHROUD BLADE LOADING
CALCULATED USING INVERSE DESIGN AND CFD

thickness of the compressor blade is set as 3 mm constant and
the shroud thickness is set as 1 mm constant. The turbine blade
thickness is using a profile distribution at the hub and a constant
of 1 mm at the shroud. The thickness between hub and shroud is
calculated through linear interpolation.

Blade Loading

Blade loading used in the inverse design method is defined
as d;xf, where m is the meridional distance. Three segment
method used to define the blade loading is illustrated by Zan-

geneh et al. [33]. Two points NC and ND divide the loading
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FIGURE 9. COMPARISON OF SHROUD BLADE LOADING
CALCULATED USING INVERSE DESIGN AND CFD EXCLUDING
TIP CLEARANCE

TABLE 1. DESIGN SPECIFICATION OF S-CO, COMPRESSOR
AND TURBINE

MC RIT

Po1 (MPa) 7.6 15.2
To1 (K) 320 800
PR, ;| ER,; 2.0 2.0

RPM (rev/min) 14,000 14,000
i (kg/s) 131.25 175

curve into three separated parts. First and third parts are parabo-
las and middle part is a straight line with given slope (SLOPE).
The loading value at LE is specified by DRVT. rVy at the blade
LE and TE are chosen based on Euler Turbomachinery Equation
(Eqn. (5)). rVjp distribution in the meridional channel can be ob-
tained through interpolation and integration based on blade load-
ing at hub and shroud. The blade loading used for the compres-
sor blade is shown in Fig. 12. Aft-loaded hub is used to prevent
the low momentum flow near hub LE and aft-loaded shroud is
used to reduce the maximum Mach number near shroud TE. Aft-
loaded hub and shroud can also be seen from the blade surface
static pressure plots (Fig. 6 and Fig. 8). The blade geometry is
computed iteratively based on the prescribed meridional shape,
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FIGURE 10. MERIDIONAL GEOMETRY OF MC IMPELLER
AND DIFFUSER

TABLE 2. COMPRESSOR MERIDIONAL DIMENSIONS

impeller RLEme (mm) 30

impeller Ry g g, (mm) 69.34

impeller Rrg (mm) 150
impeller W, (mm) 9.5
impeller L (mm) 74
number of impeller blades 14
diffuser Ry g (mm) 157.5
diffuser Ryg (mm) 242.5
number of diffuser blades 13

blade thickness distribution and blade loading.

= (Vo) — (Vo) )

Volute design

Compressor and turbine volutes are designed using commer-
cial software TURBOdesign Volute [34] which is a 2D inverse
design code. A number of different volute cross-section shapes

300
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o
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Radial distance (mm)
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Axial distance (mm)

FIGURE 11. MERIDIONAL GEOMETRY OF TURBINE NOZZLE
AND IMPELLER

TABLE 3. TURBINE MERIDIONAL DIMENSIONS

nozzle Ry g (mm) 280
nozzle Ryg (mm) 218.5
number of nozzle blades 16
impeller W, (mm) 19
impeller Ry g (imm) 211
impeller R7g jp (mm) 40
impeller Ryg g, (mm) 145
impeller L (mm) 102
impeller org 4°

number of impeller blades 11

including circular, elliptic, rectangular and trapezoidal can be se-
lected. It is also necessary to specify some basic volute geo-
metrical dimensions such as volute inlet/outlet radius and width.
In this paper both compressor and turbine volutes are designed
to be symmetric with a circular cross-section shape. The volute
cross-section area at different spiral angles are calculated itera-
tively based on specified radial and tangential velocities at the
volute outlet/inlet which can be obtained from CFD results. The
volute geometry is constructed by lofting all the calculated cross-
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TABLE 4. FOUR LEVELS OF COMPRESSOR GRIDS

impeller diffuser volute No. of elements
280,645 254,558 741,056 1,276,259
372,332 343,434 1,016,022 1,731,788
602,020 544,600 1,607,655 2,754,275
1,193,626 1,079,364 3,167,100 5,440,090

12 PR

— hub i

10| --- shroud}------—_-21---_ 7

ogf------

[ ) 1
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0.0 0.2 0.4 0.6 0.8 1.0

FIGURE 12. MC BLADE LOADING DISTRIBUTION

section areas. A compressor volute can be seen in Fig. 13 which
has been meshed.

STEADY CFD SIMULATION
Steady CFD simulation is performed by using commercial
software ANSYS CFX R162.

Mesh Generation and Mesh Dependency Analysis

ANSYS TurboGrid R162 is used to generate structured
mesh for impeller and diffuser (or nozzle) as shown in Fig. 13.
There is 20 layers of grid in the shroud clearance and constant
clearance of 0.3 mm is applied for both compressor and tur-
bine impellers. The volute geometries are meshed using ANSYS
Workbench Meshing Tool R162.

A mesh dependency analysis is performed by comparing
normalised compressor total-to-total pressure ratio (PR,—;) and
isentropic total-to-total efficiency 7,_; for different levels of
grids (Table 4 and Fig. 14). The mesh level with around
2,700,000 elements is selected based on the consideration of the

FIGURE 13. MC CFD COMPUTATIONAL MESH

accuracy and computational cost.

Boundary Conditions

Inlet boundary conditions are total pressure and total tem-
perature. Inlet flow direction is normal to the inlet boundary.
Outlet boundary condition is mass flow rate. The impeller is ro-
tating at a constant speed of 14,000 rev/min. Turbulence model
is chosen as SST k— w [35]. The interface type between impeller
and diffuser /nozzle or diffuser/nozzle and volute is set as stage
(mixing plane). Periodic boundary condition is also applied on
the periodic surfaces. CFX solver found it is very difficult to con-
verge without any initialization. Therefore, the outlet mass flow
rate and impeller RPM is gradually increased from a small value
and the CFD results are used as initialization step by step until
the correct mass flow and RPM are reached.

RGP Table Dependency Analysis

CO; RGP file (or table) is used in the ANSYS CFX to model
S-CO, properties. RGP file can be generated based on data from
a commercial software NIST REFPROP V9.1. The CO; equa-
tion of state (EOS) used to calculate all properties is from [36].
In the RGP file, fluid properties are stored with the structure of
different temperature and pressure. The temperature and pres-
sure range used is 300 K to 900 K and 5 MPa to 18 MPa. To
assess the effect of interpolation and numerical error which may
be introduced by different size of RGP files, three different RGP
files are used for CFD calculation with same mesh and results are
summarised in Table 5. It can be concluded that the error brought
by different RGP files can be neglected.
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FIGURE 14. MESH DEPENDENCY ANALYSIS

TABLE 5. RGP TABLE DEPENDENCY ANALYSIS

RGP1 RGP2 RGP3
AT (K) 6 2 0.9

AP (kPa) 65 26 13
PR_, 2024 2018 2018
M- (%) 9107 9093  90.92

Flow Field Analysis

Figure 15, Figure 16 and Figure 17 show the relative velocity
vector plots of the compressor blades at three different spanwise
locations. It can be seen that the flow attached the blade very well
and there is no obvious flow separation. There is a few secondary
flow near the shroud TE which is caused by the tip leakage flow
near the impeller tip.

From Fig. 6 and Fig. 8§ it can be seen that the blade hub
and shroud are aft-loaded as we have specified in Fig. 12. Fig-
ure 18 shows the rV; meridional contour from inverse design
method and CFD. rVj is rVg non-dimensionalised by blade tip
radius (R;;,) times blade tip speed (U;;,) and defined by Eqn. (6).
Spanwise 1V, distribution in the inverse design method is purely
linear which is obtained by linear interpolation of hub and shroud
rVy we specified. rV,y from CFD in the inducer part is very close
to values in the inverse design since the flow velocity is low and
tip leakage flow is negligible. When the flow is developing from
the inducer to the exducer, the discrepancy between CFD rVg
and inverse design rVy is growing. One possible explanation is
that the end wall effect caused by the flow viscosity becomes
more dominant while the inverse design method is inviscid. The

Velocity
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FIGURE 15. RELATIVE VELOCITY VECTOR AT MC HUB

Velocity
. 224
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FIGURE 16. RELATIVE VELOCITY VECTOR AT MC MID SPAN

tip leakage flow near is also developing while the inverse design
method does not model it.

Vg = (6)

Turbine isentropic total-to-static efficiency can be expressed
by Eqn. (7). To maximize the turbine efficiency at the given de-
sign point (rVp ). needs to be maximised and (rVy)rg needs to
be minimised. A CFD rVy distribution from the nozzle inlet to
turbine outlet is shown in Fig. 19. Where station 1 is the nozzle
inlet, station 2 is the impeller inlet and station 3 is the impeller
outlet. It can be seen that rV; from the volute outlet entering the
nozzle is around 0.36 and is accelerated by the nozzle blade to
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FIGURE 17. RELATIVE VELOCITY VECTOR AT MC SHROUD
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FIGURE 18. COMPARISON OF rV,; SPECIFIED IN INVERSE
DESIGN METHOD (LEFT) AND CALCULATED FROM CFD
(RIGHT)

0.96. All the tangential swirl (velocity) are removed by the im-
peller blade. Zero rVy at the turbine outlet minimised the kinetic
energy loss and gives the high turbine efficiency.

=t —he @t QlVe)ip— (Ve)r]
" hot —hay it (hot — hay) hot — hag

(7

CFD results for MC and RIT are summarised in Table 6.
Compressor pressure ratio and turbine expansion ratio values are
very close to the design specification shown in Table 1. The effi-
ciency of RC (recompressing compressor) will be lower than MC
due to the higher inlet temperature. The power consumed by the
RC can be approximately estimated as 1.5-2.0 MW. Therefore,

10

FIGURE 19. AVERAGED rV; FROM NOZZLE INLET TO TUR-
BINE OUTLET

TABLE 6. CFD RESULTS

MC RIT

PR,_;/ER,_, 202 199
W (MW) 4.11 15.89
Nt 90.9% 91.5%
Mres - 89.2%

the net power output will be 9.78-10.28 MW. The compressor
and turbine stage efficiency are very high but it should be noted
that surface roughness, heat transfer loss and total pressure loss
in the pipe are not considered in the CFD simulation.

STATIC STRUCTURAL ANALYSIS

To evaluate the mechanical strength of the compressor and
turbine impellers, ANSYS Workbench Mechanical R16.2 is used
to perform a static structural analysis. The compressor and tur-
bine material is selected based on the comparison of the yield
strength of four most CO, corrosion resistant materials (PM
2000, INCONEL alloy 625, PE16 and Haynes alloy 230 [27]).
From Fig. 20 [37—40] it can be seen that the most suitable mate-
rial is INCONEL A625 for the maximum temperature up to 800
°C. The material properties of INCONEL A625 is summarised
in Table 7 [37]. The density of INCONEL A625 is set a constant
value of 8.44 g/cm’.

The unstructured computational mesh for FEA analysis is
generated using ANSYS Workbench Meshing Tool and an ex-
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FIGURE 20. COMPARISON OF YIELD STRENGTH AT DIFFER-
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TABLE 7. MATERIAL PROPERTIES OF INCONELL A625 [37]

Temperature Coefficient of Young’s  Poisson’s
Thermal Expansion Modulus Ratio
o) (x1073°C™h (GPa) )
204 1.31 197.9 0.286
316 1.33 191.7 0.290
427 1.37 185.8 0.295
538 1.40 178.6 0.305

ample of RIT mesh is shown in Fig. 21. Only one blade sector
is used since the turbine (or compressor) wheel is axisymmet-
ric. The total number of elements used in the analysis is around
400,000.

Two cyclic regions can be defined on the two periodic sur-
faces to save computational time and cost. The blade is rotating
at a speed of 14,000 rev/min and a cylindrical support is ap-
plied on the shaft. Pressure loading obtained from stage CFD
results can be imported and imposed on the impeller hub and
blade surfaces (see an example in Fig. 22). The pressure on the
impeller backplate and turbine outlet (or compressor inlet) shaft
surface also need to be specified which is not available in the
CFD simulation. These pressure values are estimated based on
turbine/compressor inlet and outlet average static pressures. For
RIT the thermal loading has to be taken into account since the
CO, temperature in the turbine is very high (485 °C in the tur-
bine impeller LE from CFD). However, a conjugate heat transfer
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FIGURE 21. RIT FEA COMPUTATIONAL MESH

Imported Pressure
Unit: MPa

11.3326 Max
10.535
9.73748
8.93992
8.14236
7.34479
6.54723
5.74967
4.95211
4.15455 Min

FIGURE 22. RIT BLADE AND HUB PRESSURE DISTRIBUTION
FROM CFD

simulation is necessary to get an accurate body temperature dis-
tribution of the turbine wheel which is too expensive. A simple
model used to approximate the turbine body temperature distri-
bution is proposed and shown in Fig. 23. The maximum and
minimum temperature can be calculated from the mass flow av-
eraged static temperature measured at the RIT LE and TE. It is
known that the hottest part of the turbine is always in the LE and
the temperature of the flow is decreasing along the streamwise
direction. Therefore, it is reasonable to assume that the turbine
body temperature is decreasing from LE (maximum temperature)
to the backplate and TE (minimum temperature). In other word,
the turbine body temperature distribution is only a function of z
which is the rotational axis coordinate.
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FIGURE 23. ASSUMED TEMPERATURE DISTRIBUTION OF
RIT IMPELLER

von-Mises Stress
Unit: MPa
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FIGURE 24. von-Mises STRESS CONTOUR AT RIT IMPELLER
HUB AND BLADE SURFACE

von-Mises stress contour of RIT wheel are shown in Fig. 24
and Fig. 25. The maximum stress on the blade surface is near
the location of hub LE and the maximum stress on the backplate
is near the shaft. The maximum stress values for MC and RIT
are shown in Table 8 which are all less than the material yield
strength 420 MPa.

CONCLUSION

A detailed design procedure of a centrifugal compressor
stage and a radial-inflow turbine stage for S-CO, recompres-
sion Brayton cycle using inverse design is presented in this paper.
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von-Mises Stress
Unit: MPa
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FIGURE 25.
BACKPLATE

von-Mises STRESS CONTOUR AT RIT IMPELLER

TABLE 8. MAXIMUM von-Mises STRESS

MC RIT
316.0 307.6

maximum stress (M Pa)

Compressor and turbine blades are generated by using 3D inverse
design method which is extended from ideal gas to real gas ap-
plications through reversed interpolation in the superheated and
saturation tables.

Steady CFD results show that both compressor and turbine
have very high stage efficiency (90.9%-91.5% total-to-total).
There is a very good agreement between blade loading (rVy)
specified by inviscid inverse design method and calculated by
3D viscid CFD.

INCONEL AG625 is selected as compressor and turbine ma-
terial with the consideration of corrosion and strength. Both pres-
sure loading and temperature loading from CFD calculation are
included in the static structural analysis. Results show that com-
pressor and turbine maximum von-Mises stress does not exceed
the limit of yield strength in the working condition.

The design of the recompressing compressor is ongoing.
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